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A B S T R A C T 

Solar thermal power plants are usually installed in locations with high yearly average solar radiation, 
often deserts. In such conditions, cooling water required for thermodynamic cycles is rarely available. 
Moreover, when solar radiation is high, ambient temperature is very high as well; this leads to excessive 
condensation temperature, especially when air-condensers are used, and decreases the plant efficiency. 
However, temperature variation in deserts is often very high, which drives to relatively low temperatures 
during the night. This fact can be exploited with the use of a closed cooling system, so that the coolant 
(water) is chilled during the night and store. Chilled water is then used during peak temperature hours 
to cool the condenser (dry cooling), thus enhancing power output and efficiency. The present work ana
lyzes the performance improvement achieved by night thermal cool storage, compared to its equivalent 
air cooled power plant. Dry cooling is proved to be energy-effective for moderately high day-night tem
perature differences (20 °C), often found in desert locations. The storage volume requirement for different 
power plant efficiencies has also been studied, resulting on an asymptotic tendency. 

1. Introduction 

Solar Thermal Power (STP) requires high solar radiation with a 
clean and stable atmosphere, i.e. neither humid nor turbulent. This 
drives to the choice of sunny and arid areas, where STP is mostly 
installed. However, these locations are characterized as well by 
water shortage and extremely high temperature during day time, 
even though they are relatively low during the night. This affects 
the solar plant performance, as most of them generate electricity 
via a Rankine cycle [1,2], which implies a strong influence of the 
condenser temperature, and thus the ambient temperature, on 
the cycle efficiency (see Fig. 1). 

The gross efficiency, t]G, follows the expression: 

*IG=PG/(L, (1) 

where PG is the electric power output from the generator, and Q_iv 

the available thermal power in the solar field. Eq. (1) takes into ac
count the turbine and generator efficiencies, as well as the pumping 
power consumed by the cycle; however, power required to refriger
ate the condenser, i.e. the power consumed by the condenser's 
pump or fan, is not considered. 

The use of water is required if low condenser temperatures are 
sought. However, it has been already said that water shortages are 

common in areas where STP plants are installed, and thus the cycle 
refrigeration design is normally constrained to an air-cooled con
denser. As a consequence, its temperature is always notably higher 
than ambient temperature, which is extremely high during peak 
radiation hours, decreasing the cycle efficiency when most thermal 
power is available. 

Conventional thermal power plants performance also depends 
on ambient temperature, the power output and efficiency decreas
ing during high temperature hours. This power diminution 
coincides often with peak demand time, mainly due to air condi
tioning power consumption; this is the case of Saudi Arabia, Iran, 
India and Thailand, where many studies have been carried out to 
find the best solution. When power is mainly given by a Gas Tur
bine (GT), decreasing air inlet temperature to 15 °C when the 
ambient temperature is around 40 °C implies power improvements 
up to 20% [4]. This can be achieved by many technologies, such as 
evaporative cooling, fogging, mechanic chiller, absorption refriger
ation and Liquified Natural Gas (LNG) evaporation [4-13]. Never
theless, evaporative cooling and fogging require water, while LNG 
evaporation is only useful for GT provided by LNG. Absorption 
refrigeration could be an interesting way for decreasing STP con
denser temperature [14,15], as sun would always be available 
when the STP were generating electricity; however, it is still not 
a mature technology, and the absorption cycle would required part 
of the heat available for refrigerating. 

On the other hand, mechanic chillers are able to work during 
night time, achieving better refrigerating efficiencies thanks to 
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ing on an average higher power output of 1%, with peaks up to 6% 
on summer. However, this would not be chosen as a first design 
option, because cooling towers achieve better net efficiencies with 
similar water availability requirements. Agnew et al. [29] study a 
Rankine cycle performance when using waste energy in the boiler 
to feed an absorption cycle to cool condensation temperature, con
cluding that there is insufficient energy in the flue gases for the 
absorption cycle used. 

Seeking for a solution to this problem, a technology has been 
suggested for Rankine heat sink cooling when water is not avail
able [30]. Such technology, named dry cooling, is based on the 
use of a closed water circuit, where the water is chilled during 
night time and used to refrigerate the condenser during temper
ature peak hours; this drives to a lower condensation tempera
ture, and thus higher efficiency. The present paper intends to 
show the plant power increase achievable by the use of this 
device. 

In Section 2 dry cooling system, as well as its different working 
modes, is presented. For each working mode, the condenser tem
perature and the net power generated are formulated, obtaining 
at the end the daily average efficiency. Results from the model 
are given in Section 3, where the environment and heat exchangers 
conditions that make the device energy-effective are analyzed, and 
the storage volume required for each condition is obtained. Finally 
conclusions are given in Section 4, where objectives for future 
works are presented. 

2. The dry-cooling system 

This section is devoted to the understanding of the refrigeration 
system and the physics standing behind the model. First, the phys
ical system is described, and the specific elements models used to 
carry out the simulation are indicated. Then, equations represent
ing the physics of the process are explained. 

2.1. System and assumptions description 

The dry-cooling system, depicted in Fig. 2, consists of two tanks 
- hot and cold water storage respectively -, a water-refrigerated 
condenser and an air-water heat exchanger. These elements are 
connected by pumps and valves that allow the system to work 
on different modes. Such system is ideal for STP located in areas 
where water availability is limited, and when an important tem
perature difference between day and night hours characterizes 
the weather. 
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Fig. 1. Rankine cycle performance depending on the condenser temperature, 
extracted from the model provided by Montes et al. [3]. 

lower ambient temperatures. This fact is used by some authors to 
store cold water or ice during cold hours, and use it at peak time 
either to enhance GT performance, or to cool buildings, shifting 
air conditioning power demand to off-peak [6,7,9,16-21]. Although 
ice has a greater specific heat capacity, Ameri et al. [9] recom
mends the use of chilled water because of high costs associated 
with the use of ice. In addition, some authors have studied phase 
change thermal energy storage systems [22,23], which may be 
used for high and low temperature thermal storage thanks to the 
wide variety of materials found. 

Ambient temperature influence on Combined Cycle Gas Turbine 
(CCGT) power plants has been extensively studied as well [24-27], 
concluding that the effect of condensation temperature on plant 
efficiency is higher than that of inlet air temperature, while the lat
ter has a higher influence on power output. Water is normally 
available where CCGT plants are built, as their location is not as 
constrained as for STP plants; thus, evaporative cooling and fog
ging are useful technologies to decrease air inlet temperature. An
other theoretical solution, which has not been put into practice at 
commercial scale yet, is the use of some of the steam produced in 
the heat recovery steam generator to feed an absorption refrigera
tion cycle. 

Literature found about temperature influence on Rankine cycles 
is not as extensive as for GTs and CCGTs. Two methods for improv
ing performance have been studied: Sohel et al. [28] analyze geo-
thermal ORC power plant generation increase by the use of 
evaporative cooling on the air-condenser already installed, result-
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Fig. 2. General scheme of the dry-cooling system suggested, where a cold water 
and a hot water storage tank, a water-refrigerated condenser an air-water heat 
exchanger and the tubes, valves and pumps connecting all elements are 
represented. 

2.1.1. Air cooler 
The Energy Equation Solver (EES) model 'fc-tubes-s80-38T' [31] 

has been used for simulating the finned circular tubes heat exchan
ger. This model consists of a set of approximately 12,000 tubes 
placed in parallel, interconnected by fins perpendicular to them, 
see Fig. 3. 

Air flows within the paths between two consecutive fins, and 
perpendicular to the tubes where water flows. The overall heat 
transfer coefficient, as well as the air and water pressure drop, is 
obtained following the model above, the results depending on 
the mass flows. The finned circular tubes heat exchanger has been 
sized so that pressure losses in it are similar to those in the air-
condenser used on the reference system. This results on tubes 
10 m long, and an air-cooler 170 m width and only 10 cm depth; 
this enhances the heat transfer and minimizes pressure drop. 

2.1.2. Condenser 
A shell and tubes condenser is used, the cooling water flowing 

through the tubes, and the steam being condensed within the shell 
side. The simulation has been carried out admitting a 6 m length 
3 m wide condenser, with 1800 tubes in it. 

2.1.3. Rankine cycle 
The Rankine cycle considered is based on the turbine model 

SST-700 previously used in research topics by the authors of this 
paper [32] and described by Montes et al. [3]. It consists of a 
50 MW cycle with six extractions and one intermediate reheat 
step, the inlet pressure and temperature being 90 bar and 370 °C 
respectively. 

2.1.4. Thermal storage 
Thermal storage is carried out in the two tanks depicted in 

Fig. 2. The tanks are considered adiabatic in the model, due to 

the fact that temperature differences between any of the tanks 
and the ground is not very high, the latter being much more stable 
than the environment temperature. Therefore obtaining quasi adi
abatic conditions is not very hard if the tanks are placed under 
ground and properly isolated. In non-ideal conditions, where there 
is heat transfer from the tanks to the environment, two antagonist 
effects take place if the ground temperature is somewhere be
tween the cold and hot tanks temperatures: on the one hand, the 
cold tank increases its temperature during the day, decreasing 
power plant efficiency on indirect cooling. On the other hand, the 
hot tank cools down, requiring therefore less auxiliary power dur
ing storage cooling. The correct evaluation of this two effects 
should be done by a transient study, which is out of the scope of 
this analysis. 

2.3.5. Other assumptions 
In this paper it has been considered that there are two ambient 

conditions along 24 h: day and night. Thermal power is only avail
able during the day, its value being constant. Similarly, the temper
ature gets a high value during the day, and low during the night, 
without an intermediate temperature for the early morning or late 
afternoon. As a result, stationary conditions are always admitted. 
Finally, water thermo-physical properties are considered constant 
at all conditions, and pipes are considered adiabatic due to the rel
atively small temperature difference with the environment. 

2.2. The model 

The dry-cooling system will operate successively in the follow
ing modes along the day, depending on the storage availability and 
the ambient temperature: direct cooling, storage cooling or indi
rect cooling. Figs. 4-6 show the respective system working modes, 
where doted lines represent the parts of the circuit that are not in 
use, being their corresponding pumps off. 

2.2.1. Direct cooling 
This mode (Fig. 4) is used when the power plant is generating 

electricity, but the ambient temperature is not too high or there 
is no water left in the cold tank. When the system is operating in 
this mode, the water passes through the condenser and the air-
cooler consecutively via a closed loop, and it dissipates at the latter 
the heat removed from the former. 

When working on steady flow, the temperature increase of the 
cooling fluid at the condenser must be the same as the decrease at 
the air-cooler. Therefore, the condensation temperature on direct 
cooling mode, Tc , is: 

' cd — ' a.day " -AT„. ATH ATC (2) 

where raday is the ambient temperature during the daytime, ATa_c 

the difference between the water temperature exiting the air cooler 
and the ambient temperature, ATHX the water temperature increase 
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Fig. 3. Air-cooler simulation model from EES data-base - fc-tubes-s80-38T [31] -, 
where the water flows within the tubes, and the air perpendicular to them, within 
the paths between two consecutive fins. 
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Fig. 4. Direct cooling mode scheme, where the water passes through the condenser 
and the air-cooler consecutively via a closed loop, the storage tanks not being used. 
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Fig. 5. Storage cooling mode scheme, where the water flows from the hot tank to 
the cold tank through the water-air heat exchanger, where it is cooled down. 
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Fig. 6. Indirect cooling mode scheme, where water flows from the cold to the hot 
tank passing through the condenser, the air-cooler not being used. 

or decrease through each heat exchanger and ATC the difference be
tween the refrigerant water temperature exiting the condenser and 
the condensation temperature. 

Auxiliary power consumption in this mode corresponds to the 
heat exchanger fan and the pump that makes the water flow 
through the closed loop. Taking into account the foregoing 
assumptions - steady state and constant variables -, the thermal 
power to be dissipated at the condenser is constant, and so it is 
the water mass flow at the condenser: 

Qdis, = Qav - Pcd = Qav • (\ - f]Gá) = cp • rh„á • ATHX (3) 

where Q_diSi is the heat power to be dissipated by the system on this 
mode, cp the cooling water specific heat capacity, and mw the water 
mass flow in the condenser. Similarly, the air mass flow in the air-
water heat exchanger, ma, will be constant, and its value directly 
proportional to Qdis and inversely proportional its temperature in
crease in the heat exchanger. 

The net power output working on this mode depends on the 
condensation temperature and the auxiliary power consumption. 

"Nd = "G<¡ - "pump,, - Pfmd ( 4 ) 

where PN is the net power output, PG the gross power output (where 
cycle pump consumption is taken into account), and Ppump and Pfan 

are respectively the refrigeration system pumps and fans power 
consumptions in this mode. PG is obtained by introducing the con
densation temperature (Eq. (2)) on this mode on the Rankine model, 
while Ppump and Pfan are given by the model depending on the tem
perature differences along the circuit, and the heat to be dissipated 
(Eq. (3)). 

Recall that, for a given condenser and heat exchanger geometry, 
the pressure drop of the air and the water within the circuit is pro
portional to the square power of its mass flow, and thus the pump
ing power required is proportional to the cubic power of the same 
parameter. Therefore, a lower value of ATHX implies, on one hand, 

that the condenser temperature decreases, and thus PG increases; 
but on the other hand the mass flows augment, and so does the 
pumping power. 

2.2.2. Storage cooling 
This mode (Fig. 5) is used during night time, when the STP plant 

is not generating power due to lack of solar radiation or, consider
ing a wider application, when the power plant is not generating 
electricity because power demand is low. When the ambient tem
perature is relatively low, the refrigerant water is carried from the 
hot to the cold tank through the water-air heat exchanger, where 
it is cooled down. The water is then stored at relatively low tem
peratures, and is used for peak time refrigeration when the ambi
ent temperature is very high (indirect cooling). 

The cold storage tank temperature is defined as: 

TT,C = anight + ATa_c (5) 

where 7"anight is the ambient temperature during the night. 
The auxiliary power used during storage cooling mode, which 

should be taken into account when estimating the indirect cooling 
efficiency, corresponds to the use of the fans, Pfans, and at least one 
pump, PpumPs. It has been seen that the pumping power depends on 
the mass flow for a given hydraulic circuit. It must be noted that 
the cooling water volume to pass through the air cooler during 
the night on storage cooling mode is equal to the volume used 
on the condenser during the indirect mode, which will be ex
plained later. Thus, their flow mass are related by how many hours 
the system is working on storage mode, ts, and how many on indi
rect cooling, t¡: 

mWs • ts = m¡ • t¡ (6) 

The mass flow on indirect cooling is seen in next paragraph, and 
so mWs may be obtained from Eq. (6). The air flow through the heat 
exchanger may be obtained is a similar way. As no power is gener
ated in the Rankine cycle, the net power will get a negative value, 
equal to the pumping power (fans and pumps) corresponding to 
the mass flows obtained: 

PNS = -Ppumps-Pfans (7) 

2.2.3. Indirect cooling 
This mode (Fig. 6) is used when the power plant is generating 

electricity, the ambient temperature is close to its daily peak and 
there is water left in the cold tank to be used as refrigerant. During 
this working mode, water flows from the cold to the hot tank pass
ing through the condenser, where waste heat is removed. Although 
the water flows directly from the cold tank to the condenser, it is 
called indirect mode, as it has been cooled down during the previ
ous night. 

The condenser temperature on this mode is therefore: 

Tq=TTiC + ATHX + ATc (8) 

where TT,C is the cold tank temperature, given in Eq. (5). It holds: 

Tc, = r a ,night + ATa-c + ATHX + ATC ( 9 ) 

Thus the difference between the direct and indirect modes tem
perature is equal to the day-night temperature difference. 

' cd ~ ' ci = 'o.day — ' fl.night O " ) 

During this mode the fan is not working, so the only auxiliary 
consumption corresponds to, at least, one pump. Nevertheless, 
one should take into account that storage cooling is required at 
night, which implies an extra consumption. The water mass flows 
will be given again by heat power dissipated in the refrigeration 
system, and the temperature augmentation along the condenser: 



¿dis, - Pe, = Qav • (1 - r\G) = cp • mw. • ATH (11) 

Obviously, mWj will be very similar to mWi, but not exactly the 
same. This is due to the fact that the condenser temperatures are 
not the same for direct and indirect cooling, and thus the cycle 
gross efficiency will vary. As a result, the thermal power to be dis
sipated is higher when the condenser temperature increases, and a 
higher mass flow is required as well. The net power output, PN., de
pends takes into account the gross power output given with the 
condenser temperature, and the pumping power: 

PN. = P G, (12) 

2.2.4. Daily efficiency 
Integrating the net power output along 24 h, i.e. for the three 

modes, and dividing by the heat available at the Rankine cycle heat 
source - the solar field in the case of a STP plant -, the daily aver
age efficiency is obtained: 

'idaily — 
QMV • (id + í¡) 

(13) 

3. Results 

The present work pretends to characterize the cycle efficiency 
when the following inputs vary: 

• Night temperature, ranight-
• Day-night temperature difference, Arday_night, or day tempera

ture, ra,day. 
• Water temperature increase within a heat exchanger, A THX. 
• Daily time of solar radiation, i.e. electricity production period, 

per day, td + t¡. 
• Indirect mode hours per day, t,. 

Obviously, it is not possible to represent the performance of the 
system when all input values change in one graph. The results will 
be instead presented in two subsections, the first corresponding to 
the effect of temperatures, and the second to the effect of the daily 
time of solar radiation and indirect mode working time per day: 
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Fig. 7. Daily average efficiency of a STP plant provided of dry cooling system for 
12 h solar radiation, 3 h indirect cooling and night temperature of 0 °C, depending 
on the day-night and heat exchangers temperature differences. 

Aswan, Egypt, where this difference is approximately 20 °C [33], 
or higher as in Atacama Desert [34]. 

One can observe in Fig. 8 that the slope of the efficiency depend
ing on the heat exchangers temperature difference is nearly inde
pendent of the day and night temperatures. The heat exchangers 
temperature difference has an effect on the efficiency in the sense 
that it increases the condensation temperature by the value of such 
difference. 

If the STP plant does not have the dry-cooling system, the cycle 
will be working at the day temperature at all times. Therefore, the 
efficiency for the hypothetic case of 0 °C night and 65 °C day would 
be much lower than the one of 10 °C night and 40 °C day. Never
theless, thanks to this system the former may achieve a higher 
net efficiency. 

However, the heat exchangers temperature difference is corre
lated with the tanks volume, see Fig. 9. The volume required and 

3.1. Ambient temperatures and heat exchangers temperature 
difference 

In this subsection solar radiation is fixed to 12 h per day. This 
means that storage cooling may be carried out during the remain
ing 12 h, i.e. during the night. It is considered as well that the sys
tem is working 3 h per day on indirect cooling, and the remaining 
generation time, 9 h, on direct cooling mode. 

Assuming a fixed night temperature of 0 °C, the average daily 
efficiency decreases as day-night temperature difference increases, 
as this implies a higher temperature during the day (see Fig. 7). 
Nevertheless this decrease has a sharper slope for the reference 
system, i.e. a conventional Rankine cycle using an air cooler. There
fore, there is a given day-night temperature difference from which 
the system is energy-effective. This point depends on the heat 
exchangers temperature increase, which gives an idea of the qual
ity of the system. For example, assuming ATHX equal to 30 °C, the 
dry cooling system achieves a better performance than the refer
ence power plants when day-night temperature difference is high
er than 33 °C. For better quality heat exchangers, this value is 
significantly lower. 

It is observed that the dry-cooling system is energy-effective for 
standard temperature difference in areas close to deserts, such as 
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Fig. 8. Daily average efficiency of a STP plant provided of dry cooling system for 
12 h solar radiation and 3 h indirect cooling, depending on the night temperature 
and the day-night and heat exchangers temperature differences. 
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Fig. 9. Storage volume required for the dry cooling system for 12 h solar radiation 
and 3 h indirect cooling, depending on the night temperature and the day-night 
and heat exchangers temperature differences. 
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Fig. 10. Daily average efficiency of a STP plant provided of dry cooling system for 
12 h solar radiation and 3 h indirect cooling, depending on the night temperature 
the day-night temperature differences and the storage volume required. 

the temperature difference at the heat exchangers do not follow a 
linear relation, but hyperbolic. This is due to the fact that, for a gi
ven time working on indirect mode, the heat dissipated by the 
water is approximately the same, which must be proportional to 
the refrigerant volume times its temperature difference (see Eq. 
(3)). 

Figs. 8 and 9 are summarized in Fig. 10, where the correlation 
between the volume required and the efficiency obtained is de
picted. One can observe a saturation effect caused by the previous 
discussion, so that the efficiency gained per additional storage vol
ume is less important when the tanks become larger. Thus a ATHX 

value must be chosen where a compromise between system effi
ciency and tank volume (cost) is obtained, i.e. a heat exchanger 
temperature difference around the saturation point. 

Fig. 9 shows as well that the tank volume required is nearly the 
same for any day and night temperatures when the ATHX does not 

change. Water density has been considered constant, due to the 
fact that temperatures changes would not mean a noticeable dif
ference. Thus, the small volume differences shown are due to dif
ferences on dissipated heat, caused by different efficiencies when 
working on indirect cooling mode, i.e. the highest the night tem
perature is, the largest the tank must be. 

3.2. Solar radiation and indirect cooling hours per day 

From now on, day and night temperatures are fixed to 40 °C and 
0 °C respectively, and ATHX to 10 °C (which is around the saturation 
area of Fig. 10). Thus the efficiency obtained with dry-cooling de
pends now on the daily generating time and on the indirect cooling 
hours per day, see Fig. 11. 

The reference efficiency is constant, due to the fact that it al
ways works at day temperature, no matter how many solar radia
tion hours there are. Power plants provided of dry-cooling system 
vary their efficiency when daily solar radiation time (generating 
time) or indirect cooling hours per day change. Even though they 
appear to have a linear relation with indirect cooling hours, they 
are actually parabolic, as will be explained later. 

If the system is installed but only direct cooling is used, the effi
ciency is independent of the solar radiation hours per day, and low
er than the reference. This is due to the fact that direct cooling is 
continuously used, the refrigerant water flowing successively in 
the condenser and the air-cooler. Thus, condenser temperature is 
higher than in the conventional cycle, as two heat exchangers are 
used (see Section 2). 

On the other hand, indirect cooling efficiency is not indepen
dent of how many hours the plant is running on this mode: work
ing temperatures are the same no matter how much indirect 
cooling is used; however, the water volume to be cooled during 
night depends on it, and so does the pumping power required to 
this operation. The fact that the graph seems linear implies that 
auxiliary power has a limited effect on net power for the condenser 
and heat exchanger assumed in this simulation. 

This fact can be explained looking at Figs. 12 and 13. It has been 
already said that pressure losses in a hydraulic or pneumatic cir
cuit follow a nearly quadratic relation with the fluid velocity, and 
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Fig. 12. Fans and pumps power consumptions for heat exchangers temperature 
differences of 10 °C, and day and night temperatures of 40 °C and 0 °C respectively, 
depending on solar radiation time and indirect cooling hours per day. 
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Fig. 14. Produced energy for heat exchangers temperature difference of 10 °C, and 
day and night temperatures of 40 °C and 0 °C respectively, depending on solar 
radiation time and indirect cooling hours per day. 
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Fig. 13. Electrical consumption of the air-cooler fan split in mode 1 (direct cooling) 
and mode 3 (storage cooling) for 14 h of solar radiation. 

therefore power consumption of its respective pump or fan is pro
portional to the cubic power of the fluid mass flow. 

The fans are working on direct and storage cooling modes only, 
as on indirect cooling refrigerant water flows directly from the cold 
to the hot tank. As explained before, fan consumption on direct 
cooling mode is always the same, but this is not the case for stor
age cooling. The time to cool the cold tank is always the same (24 h 
minus solar radiation hours), but the volume to be displaced, 
assuming the same ATHX, is proportional to the time using indirect 
cooling. Thus, the mass flow that the fan pumps is proportional to 
the time working on indirect cooling, and the power (and so en
ergy) required for this mode follows a cubic power of such time. 
This is the reason why one can observe a minimum consumption 
point on Fig. 13. 

Additionally, indirect cooling implies that the cooling water has 
to flow twice through the circuit, and thus consumption due to 
water pumping power is higher. Nevertheless, the indirect cooling 
hydraulic circuit produces a lower pressure drop than direct cool
ing, the consumption slope not being very stiff. It is remarkable 

that pumps power consumption on storage cooling mode follows 
a cubic power relation with the time used on indirect mode as well, 
but, the pressure losses being lower, this effect is not as explicit as 
for the fans. 

Obviously, the maximum efficiency is not found where the min
imum auxiliary power consumption is. The aim of the dry-cooling 
system is not to reduce auxiliary consumption, but to improve the 
Rankine cycle efficiency by reducing the heat sink temperature. If 
the system is working more time on indirect cooling, more power 
is produced (Fig. 14), achieving a better net efficiency (Fig. 11) de
spite auxiliary consumption increase (Fig. 13). 

4. Conclusions and future works 

The application to thermal power plants of a dry-cooling system 
with cool thermal storage has been studied. This system aims to in
crease the daily average efficiency of Rankine cycle based power 
plants mainly used during day time, and located in areas where 
water is not available and where an important temperature differ
ence between day and night time is found. This is often the case the 
solar power plants, which are normally installed in deserts due to 
the necessity of high solar radiation along the year. 

It has been found that decreasing condensation temperature by 
7 °C increases the cycle efficiency by 1 percentage point (Fig. 1). 
Nevertheless, very few papers have been published on how to 
achieve such a temperature decrease on the heat sink of a Rankine 
cycle, and their proposals normally imply water consumption. 
Other papers aim to mitigate temperature effects on gas turbines 
performance by reducing the air temperature at compressor's in
let; some of these papers suggest storage of ice or cold water 
chilled via mechanical chillers during the night for a better coeffi
cient of performance (COP). However, to the authors knowledge, 
no paper has been published where a system takes advantage of 
day-night temperature difference to enhance peak-time efficiency 
by directly transferring the fluid heat to the environment during 
the night [6,18-21]. 

The analysis carried out shows an important net efficiency 
improvement compared to the reference power plant, that uses 
an air condenser (Fig. 8). The higher the day-night temperature 
difference, the more energy-effective the dry cooling system, 



achieving important efficiency improvements for temperature dif
ferences around 20 °C. 

Efficiency gain does not only depend on the ambient conditions, 
but also on the heat exchangers temperature difference: when the 
latter is lower, condensation temperature decreases both on direct 
and indirect cooling modes, and therefore the efficiency is en
hanced. Nevertheless, lower heat exchangers temperature differ
ence implies larger storage tanks, so higher costs. It seems to 
appear a saturation of the efficiency when the storage volume is in
creased, i.e. when the water temperature change through a heat 
exchanger is decreased (Fig. 11); this saturation is found at around 
10 °C for the system and conditions considered. 

The results obtained show that a solar thermal power plant may 
achieve an efficiency increases of around six percentage points by 
the use of dry cooling during the whole day. In addition, such sys
tem implies the consumption of electricity during the night, when 
prices are lower, to increase power generation on peak hours; this 
would make the dry-cooling more cost-effective. However, the 
economic analysis of the system is out of the scope of the present 
work. 

The main simplification assumed for this study is that the tem
perature profile along 24 h consists in two plateaus: one at high 
temperature that simulates the day hours, and the other at lower 
temperature for night time. Future works could take into account 
a more accurate temperature profile that would surely imply a 
reduction of indirect cooling working time for an optimized sys
tem. In addition, this system can be applied as well to fossil fuel 
thermal power plants installed in desert areas, that may work par
tially or totally during the night. Future works will analyze the 
suitability of dry cooling for such power plants. Finally, an exergo-
economic analysis of the system should be carried out to take into 
account the antagonist influence of the heat exchangers size on 
both the pumping power and the cost of the cooling system. 
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