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Summary
This paper proposes a general methodology for the design of vibration control of
human-induced vibrations. This uses a feedback loop for the design of control
parameters and accounts for the nature of human excitation and how humans
feel the vibration. The methodology developed considers not only single-input
single-output control systems but also multi-input multi-output control systems,
especially useful to cancel vibrations coming from modes with closely spaced
natural frequencies. The strategy finds simultaneously the optimal placements
of a set of inertial mass dampers and the design parameters (control gain matrix
for active vibration control, damping ratios and tuning frequencies of tuned mass
dampers for passive vibration control). To make this strategy implementable
and suitable to human-induced vibrations, elements such as input-output frequency weighting, output time weighting, band-pass filters, actuator dynamics,
and nonlinearities are considered within the design. The proposed methodology
is illustrated in an application example on a realistic open-layout floor by designing single-input single-output and multi-input multi-output active and passive
strategies with one and two dampers. Simulation tests are carried out to evaluate
the performance of the controllers in terms of their vibration reduction capacity
using a performance index indicator.
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1

I N T RO DU CT ION

It is quite common nowadays to find vibration serviceability problems in lightweight and slender structures due to the
developments of building materials and construction techniques. These structures satisfy ultimate limit state criteria but
have the potential of attracting complaints coming from excessive human-induced vibrations.1,2 These problems can be
found in footbridges, offices, concert halls, gyms, operating rooms, etc. Passive vibration control (PVC) and active vibration
control (AVC) have been proved as efficient tools to control human-induced vibrations,3-5 in particular, when inertial
mass dampers are used (tuned mass dampers, TMDs, and active mass dampers, AMDs).
Several AVC control strategies have been proposed up to now. An important group of strategies, see, for example,6,7 try to
implement direct velocity feedback (DVF) using only one actuator. Single-input and single-output (SISO) AVC strategies
have a good performance for controlling human-induced vibrations in a broad frequency bandwidth8 ; however, this might
not work for a structure with closely spaced natural frequencies. Multi-input multi-output (MIMO) AVC strategies may
solve this SISO AVC limitation. This issue was documented through simulation results by comparing ideal DVF SISO

and MIMO controllers in Hanagan et al.9 However, the consideration of the actuator dynamics and the stability problems
arisen from these dynamics must be considered in order to achieve successful practical implementations.10
Traditional TMD tuning only applies to single-TMD systems.11 The design of a multi-TMD system is not an easy task,
because each TMD behaves like a perturbation to the others. Warnitchai and Hoang12 found a method, which can effectively handle a large number of design variables, to simultaneously search for the optimal placement and tuning of
TMDs. Li et al.13 proposed an optimization procedure, based on the minimization of maximum root-mean-square (RMS)
acceleration of a footbridge, to determine the optimal design parameters of a multi-TMD system.
The consideration of a TMD system as feedback controller simplifies the tuning of its parameters because active control
design methodologies can then be applied. Examples of multi-TMD designs can be found in the previous studies.14-17
However, these contributions are not orientated to human-induced vibration, focusing on other vibration problems, like
wind-induced vibration or earthquakes. Examples of designing single-TMD as a closed-loop system for human-induced
vibration can also be found. In Casado et al.,4 the methodology proposed in Poncela et al.18 is used to design a single-TMD
for a footbridge application. However, a design methodology for designing multi-TMD for human-induced vibrations
based on feedback control has not been proposed yet in the literature.
The proposed work generalizes the design methodology proposed in Pereira et al.10 by considering and extending the
preliminary results published in the previous studies19,20 The main contribution is to propose a methodology to damp
vibrations induced by human that can be used for active, semi-active, and/or passive inertial-mass-dampers systems. In
addition, unlike the study of Pereira et al.,10 this work shows how to consider in the design process of the damping system,
the force input weighting, which reduces the dependence of the results respect to the disturbance and the nonlinearities presented in the inertial dampers (both AMD and TMD). Finally, this work also shows how to include output time
weighting, output frequency weighting, band-pass filters, and AMD dynamics.10 All these aforementioned elements play
an important role in practical implementations and should be considered within the design methodology.
This paper is organized as follows. Section 2 explains this common framework and the general control scheme. In
addition, this section also includes the main elements for TMD and AMD systems and the general design process. Section
3 shows an application example of an open-plan floor model based on an existing dining room (with plenty of closely
spaced modal frequencies) to demonstrate the usefulness of the presented methodology. Finally, some concluding remarks
and future works are presented in Section 4.

2

FEEDBACK-BASED CONTROL FRAMEWORK

The objective of this feedback-based control framework is to separate the structure dynamics from the damping system,
which is treated like a feedback control. In other words, the structure applies forces to any system placed on it, and the
system placed on the structure applies forces to the structure. The advantages of this feedback-based control methodology
are to (a) unify designing criteria in order to tune different damping systems (like TMD or AMD), (b) simplify the combination of different damping systems into a single design method, (c) consider any linear/nonlinear model for damping
systems without modifying the identified model of the structure, (d) reduce the computational cost needed to achieve a
suitable solution, and (e) take advantage of the control theory (design methodologies, stability criteria, etc.) in order to
design the damping system.
The general control scheme is shown in Figure 1 in which two main parts can be observed. The first one is the flexible structure dynamics, and the second one is the inertial mass control system. The flexible structure is modelled by n

FIGURE 1 General control framework

vibration modes and p nodes (i.e., possible locations for TMDs/AMDs, sensors, and perturbations). The standard
state-space representation can be as follows:
.

x s = As xs + Bsu us + Bsw ws ,

(1)

ys = Cs xs + Dsu us + Dsw ws ,

in which us , ws , and ys are, respectively, the vectors formed by the controlled inputs (i.e., the force imparted by the control
system), the perturbation forces, and acceleration measured at the locations, where accelerometers can be placed and/or
human can feel the vibration. In addition, the matrices As , Bsu , Bsw , Cs , Dsu , and Dsw define the complete state-space model
of the structure. If Equation 1 is defined in modal coordinates, these state-space matrices are as follows21 :
[

[ ]
]
0
I
0
As =
, Bsu = Bsw = Φ ,
−Ω2 −2ZΩ
[
]
Cs = −Ω2 ΦT −2ZΩΦT , Dsu = Dsw = Φ,

(2)

in which 𝜴 and Z are, respectively, diagonal matrices formed by the angular natural frequencies ([𝜔1 , … , 𝜔n ]) and damping ratios ([𝜉 1 , … , 𝜉 n ]), respectively, and 𝜴 is the modal matrix with dimension n×p. Note that each kth column of the latter
matrix is formed by the kth vibration mode shape. The state vector is defined as follows: xs = [xs1 , … , xsn , xsn+1 , … , xs2n ],
.
.
[xs1 , … , xsn ] being the modal coordinates of the structure and [xsn+1 , … , xs2n ] = [xs1 , … , xsn ], their derivatives.
This general control scheme includes three location matrices, which simplify the perturbation model and the way of
finding the optimal location for TMDs/AMDs and sensors. These matrices are defined as follows (see Figure 1):
[
Ku =

Ku11 … Ku1q
⋮
⋮ ⋮
Kup1 … Kupq

]

[
, Ky =

K𝑦11 … K𝑦1p
⋮
⋮ ⋮
K𝑦r1 … K𝑦rp

]

[
, Kw =

Kw11 … 0
⋮
⋱ ⋮
0
… Kwpp

]
,

(3)

in which q and r are the number of actuators and sensors, respectively. Note that (a) the jth actuator is placed at the lth node
when Kulj = 1, (b) the ith sensor is placed at the lth node when Kyil = 1, and (c) there is a perturbation at the lth node when
Kwll = 1. The control system can be a TMD (see Figure 2) or an AMD (see Figure 3) system. The general methodology
proposed in this work consists of optimizing the Inertial Mass Control System (see Figure 1) and the location matrices by

FIGURE 2 General tuned mass damper system (passive or semiactive)
and linear and time invariant dynamics approximation

FIGURE 3 Active mass damper
system

minimizing/maximizing a performance index indicator that considers the nature of the human loading and the perception
to vibration. Note that TMD can be a passive or a semiactive system, whose model may consider nonlinearities and/or
time variant parameters.
It should be remarked at this point that the methodology allows to excite the structure through both, by considering
initial conditions of the flexible structure (i.e., xs in t = 0, where t is the time variable) and/or a perturbation force
(ws and textKw). This excitation should account for the structure common loads and the serviceability (considering the
recomendable vibration levels for footbridges, offices, concert halls, gyms, or operating rooms are different). In addition,
it should also be noted that, although the methodology does not include explicitly the actuator dynamics and AMD filters
into the optimization (remind they are included into the feedback design methodology), they might be considered easily
as a part of the AMD control law, allowing the optimization of the actuator properties and/or the filters.

2.1

TMD system

A TMD can be modelled as a single-degree-of-freedom system (see Figure 4), where the force exerted on the structure
(ua,j ) depends on the relative movement between the TMD mass (mt,j ) and the structure, damping, and stiffness. The
”linear” acceleration input of the jth TMD located at lth node (𝑦̂a,l ) is modelled as follows:
𝑦̂a,l = 0

|𝑦a,l | < 𝑦a,min
| |
i𝑓 𝑦a,l ≥ 𝑦a,min

i𝑓

𝑦̂a,l = 𝑦a,l − 𝑦a,min
𝑦̂a,l = 𝑦a,l + 𝑦a,min

i𝑓

(4)

𝑦a,l ≤ −𝑦a,min ,

in which ya,min is the minimum structure acceleration in absolute value for the TMD to start working. If the TMD linear
stiffness and damping coefficient of the jth TMD are defined as kt,j and ct,j , respectively, the transfer function (TF) between
the force exerted by the jth TMD, and the linear acceleration of the lth structure node is as follows16 :
(
)
2𝜉t,𝑗 𝜔t,𝑗 s + 𝜔2t,𝑗
mt,𝑗 ct,𝑗 s + kt,𝑗
Ua,𝑗 (s)
=−
=
−m
= HT,𝑓𝑗 (s),
t,𝑗
mt,𝑗 s2 + ct,𝑗 s + kt,𝑗
s2 + 2𝜉t,𝑗 𝜔t,𝑗 s + 𝜔2t,𝑗
Ŷ a,l (s)

(5)

√
√
in which 𝜔t,𝑗 = kt,𝑗 ∕mt,𝑗 and 𝜉t,𝑗 = ct,𝑗 ∕2 kt,𝑗 mt,𝑗 are the angular natural frequency and damping ratio of the jth TMD
as an isolated system, respectively, and Ua,j (s) and Ŷ a,l (s) are the Laplace transform of ua,j and 𝑦̂a,l , respectively, s being
the Laplace variable. The TF between TMD mass displacement (dj ) and the acceleration of the lth structure node can be
obtained from Equation 5 as follows:
HT,d𝑗 (s) =

D𝑗 (s)
1
=
HT,𝑓𝑗 (s),
Ŷ a,l (s) s2 mt,𝑗

(6)

in which Dj (s) is the Laplace transform of dj .
The TMD model defined in Figures 2 and 4 considers the significant (linear) dynamics and nonlinearities (dead zone
and stroke saturation). Note that the simulation used to obtain the optimum design parameters gives information about
the maximum mass displacement of each TMD (dj ), which can be used to select the appropriate TMD or to introduce a
constraint associated to the maximum stroke.

FIGURE 4 Structure and linear tuned mass damper system

Finally, TMDs may be interpreted as systems, where the sensor and the actuator are placed at the same node (i.e., the
location matrices Ku and Ky are diagonal). Therefore, the q × q (or r × r, since q = r) matrices of the TMD system (see
Figure 2) are as follows:
[
KTMD , f (s) =

HT,𝑓1 (s) … 0
⋮
⋱ ⋮
0
… HT,𝑓q (s)

]

[
,

KTMD , d (s) =

HT,d1 (s) … 0
⋮
⋱ ⋮
0
… HT,dq (s)

]
.

(7)

The proposed methodology tunes the TMD parameters (typically ct and kt ) and the location matrices Ku and Ky (being
Ku = KyT for this particular case), also considering the dead zone and the maximum stroke, as it has been commented
above.

2.2

AMD system

The AMD system can be splitted into (a) AMD filters, (b) AMD control law, and (c) actuator dynamics (see Figure 3). Note
that the control action is divided in two parts; one is going to be designed as control law, and the other includes filters to
make the control law implementable.22 The following subsections will describe these components.

2.2.1

AMD filters

The flexible structure model showed in Figure 1 and defined in Equations 1 and 2 considers the system output (ys ) as the
acceleration measured at each node. This acceleration, which is usually obtained by accelerometers, must be conditioned
before the “AMD control law” subsystem. This signal conditioning dynamics can be the corresponding of (a) the hardware
used to measure the acceleration, which is usually neglected, (b) a low-pass filter, which is usually included to reduce
the risk of spillover problems,23 and (c) a high-pass filter, which is usually used to reduce the risk of stroke saturation
due to the effect of DC components of the measured signal and the low-frequency noise (see for example, the study of
Wang et al.24 ). If the cutoff frequencies of these filters are chosen according to the resonant frequency of the actuator and
the frequency bandwidth of the structure, then these cutoff frequencies may not be considered as design variables. Thus,
on the one hand, the cutoff frequencies of the high-pass filters (denoted by 𝜔HP ) is the result of a tradeoff between the
resonance frequency of actuator, because small values of 𝜔HP increase the risk of stroke saturation, and the first vibration
mode of the structure, because higher values of 𝜔HP may reduce the damping imparted by the controller (see for example,
the study of Pereira et al.,10 where a DVF control is implemented). On the other hand, the cutoff frequencies of the low-pass
filters (denoted by 𝜔LP ) must be sufficiently high when compared with the maximum frequency of the vibration modes
that are expected to be controlled.
The r × r matrix of the AMD filters (see Figure 3) is as follows:
[
GF (s) =

2.2.2

GF (s) … 0
⋮
⋱ ⋮
0
… GF (s)

]
.

(8)

Actuator dynamics

The actuator considered is an inertial mass actuator that generates forces through acceleration of an inertial mass to
the structure on which it is placed. The actuator consists of an inertial (or moving) mass (denoted as mA ) attached to a
current-carrying coil moving in a magnetic field created by an array of permanent magnets. The inertial mass is connected
to the frame by a suspension system, modelled by a spring stiffness kA and a viscous damping cA . Figure 5a shows an
electrodynamic inertial actuator sketch and an example of a commercial one. The r × r matrices of the shaker linear part
are as follows:
[
[
]
]
GA𝑓 (s) … 0
GAd (s) … 0
⋱ ⋮
⋱ ⋮
, GA , d (s) = ⋮
,
(9)
GA , f (s) = ⋮
0
… GAd (s)
0
… GA𝑓 (s)
in which TFs GA𝑓 (s) and GAd (s) are defined as follows:
GA𝑓 (s) =

gA s2
(s2

+ 2𝜉A 𝜔A s +

𝜔2A )(s

+ 𝜖)

,

GAd (s) =

1
GA (s),
s2 mA 𝑓

(10)

FIGURE 5 Inertial mass actuator: (a)
Sketch of typical electrodynamic inertial
actuator and (b) APS Dynamic Model
400 Shaker

in which gA > 0 is the actuator gain parameter, 𝜉 A is the damping ratio, 𝜔A is the angular natural frequency, and 𝜖 models
the amplifier dynamics in voltage mode. If current mode for the amplifier is used, the term (s + 𝜖) may be neglected, and
the actuator damping ratio will be much smaller.25,26

2.2.3

AMD control law

The AMD control law is defined by the following q × r matrix:

⎡ HA11 (s)
⎢ H (s)
KAMD (s) = ⎢ ⋮ A21
⎢ H (s)
⎣ Aq1

HA12 (s)
HA22 (s)
⋮
HAq2 (s)

…
…
⋱
…

HA1r (s) ⎤
HA2r (s) ⎥
⎥.
⋮
HAqr (s) ⎥⎦

(11)

The matrix KAMD (s) allows implementing any linear control law. For example, if each HAi𝑗 (s) = −𝛾i𝑗 ∕s, this matrix
represents the general case of a MIMO DVF.

2.3

General design process

The proposed design methodology is divided into the following steps:
a. Step 1: Dynamics identification. Identify the models of the flexible structure, inertial mass actuators, electronic
equipments, etc.
b. Step 2: Filter design. Set the cutoff frequencies and filter types (Butterworth, Chebyshev, etc.) together with their orders,
defining thus the matrix of Equation 8.
c. Step 3: Define the performance index (PI) to be mimized/maximized. This PI should consider the human vibration
perception and excitation characteristics and be related to a magnitude representative of the structure serviceability
(recommended vibration levels for footbridges, offices, concert halls, gyms, or operating rooms are different).
d. Step 4: Optimization problem setting. That is (a) the ranges of the variables used to compute the PI are defined, and
(b) the number of actuators and sensors and their possible locations (i.e., the dimension of the location matrices Ku
and Ky) are defined. The selection of a reduced set of possible locations, which are candidates for the final placement,
simplifies and makes computationally affordable the next step. This selection can be done from the mode shapes and
frequencies of the structure.
e. Step 5: Resolution of the optimization problem. Find the optimal design for the matrices KTMD (s) or KAMD (s) by using
a computational optimization algorithm (gradient-based method, genetic algorithms, etc.). The optimum location
matrices (Ku and Ky) are also a result of this step.
This process will be carefully applied to an example in the following section.

FIGURE 6 Floor structure considered

3

APPLICATION EXAMPLE

The general design process is particularized for the design of two-TMD and two-AMD systems for a complex layout floor
model based on a dining room floor of a primary–secondary school sited in Madrid (Spain). In addition, an evaluation of
controller performances is included to show the advantages of using TMD or AMD with one (SISO) or two devices (MIMO).

3.1

Step 1: Dynamics identification

First of all, Figure 6 shows the layout of the floor structure and the general arrangement of beams and columns. A finite
element (FE) model was created in ANSYS Multiphysics,28 using shell elements and 449 nodes. It is an almost rectangular
floor with the dimension of 25.5×20×0.3 m. As shown in Figure 6, the floor is considered as a continuous slab supported
by 27 columns. Different connections between the floor and columns are marked with different colors: Red ones represent
those whose displacements in x, y, and z directions are all restricted; cyan ones that are restricted in x and z displacements;
blue ones that are restricted in y and z displacements; and green ones are connections only restricted in z direction. None
of the connections between columns and floor are restricted in rotations. The yellow lines show the meshing grids of the
shell elements. The material properties considered are modulus of elasticity E = 20 × 109 N/m2 , Poisson's ratio 𝜈 = 0.15,
and density 𝜌 = 3000 kg/m3 . The density has been increased from 2500 to 3000 kg/m3 in order to include a portion of the
imposed load (approximately 30%) and the total dead load, following the recommendation of Smith et al.29 for analysis of
floor vibrations. The mode shapes, angular natural frequencies, and modal masses of the first 10 vibration modes can be
seen in Figure 7. The damping ratio of all these modes is assumed 0.01.
The actuator considered in this work is an APS Dynamics model 400 electrodynamic shaker, which is shown in
Figure 5b. The identified parameters of Equation 10 are7 𝜔A = 13.2 rad/s (2.1 Hz), gA = 12000, and 𝜀 = 47.1. Finally, the
TMD model is assumed LTI as Equation 5, where the mass of each TMD is chosen as 1000 kg.

3.2

Step 2: Filters design

A second-order Butterworth filter is considered for both high-pass and low-pass filters, and the cutoff frequencies adopted
are 𝜔HP = 2𝜋 · 2 rad/s for the high-pass filter and 𝜔LP = 2𝜋 · 20 rad/s for the low-pass filter. So, the effect of both filters
can be considered negligible for the frequency bandwidth of the first 10 vibration modes. The TF GF (s) of each element
of matrix defined in Equation 8 is as follows:
GF (s) =

3.3

𝜔2HP s2
𝜔2LP
·
.
√
√
s2 + (2∕ 2)𝜔HP s + 𝜔2HP s2 + (2∕ 2)𝜔LP s + 𝜔2LP

(12)

Step 3: Define the PI

The objective is to define a modified PI based on previous PI proposed in the previous studies.9,10 Like in those studies,9,10
the state vector xs is considered in order to defined the PI. In addition, the initial conditions of the state space model
defined into Equation 1 are used to define the system perturbation. Finally, it should be highlighted that the PI does not
modify the control loop. Therefore, it does not affect to the stability of the control system.

FIGURE 7 Floor mode shapes, angular
natural frequencies, damping ratios, and modal
masses

The human perception depends on the amplitude, frequency, and duration of the vibration. The amplitude and frequency are considered herein by the frequency weighting functions defined in ISO27 and BS6841.30 According to ISO,27
for z-axis vibration and standing and seating, the frequency weighting function is Wk (denoted here as gOFW ), which
corresponds with a filter with the frequency response shown in Figure 8.
The duration of the vibration, which affects human comfort,31 is also weighted in the proposed control design by multiplying the system response by an exponential time weighting of the form e𝛼t . Note that this 𝛼 > 0 is analogous to add
a constraint in the relative stability of the controlled system because the transient response of any linear time invariant
system is a function multiplied by a sum of exponential of the form e−𝜔i 𝜉i t , where −𝜔i 𝜉 i is the real part of the ith vibration
mode. Thus, the persistent states are penalized more heavily as 𝛼 is increased. The value of 𝛼 is usually considered as the
maximum value of the real part corresponding to open-loop system poles. Thus, the controller must increase the relative
stability of the closed-loop system in order to be considered.
The human vibration perception is considered in the controller design by weighting the state vector of the structure xs
by the following frequency and time weighting:
xswl = (e𝛼t xsl (t)) ∗ gOFW (t), l ∈ [1, … , 2n],

(13)

in which (∗) denotes the convolution process, and gOFW (t) is the impulse response function of a system with the frequency
response of Figure 8.
The human excitation is considered like in Hanagan et al.,9 where a nonzero initial condition to the velocity states of the
structure is introduced (xs (0) = [0, … , 0, xsn+1 (0), … , xs2n (0)]T ) in order to approximate the influence of zero initial conditions and a spatially distributed, but temporally impulsive, disturbance force. However, unlike the previous studies,9,10
where all the vibration modes of the structure may be excited in the same way, this work proposed a novel modification
based on considering the specific dynamic loading factor (DLF) of each vibration mode corresponding to a certain frequency range.32 Based on the DLFs analysis in vertical direction by Brownjohn et al.,33 the following input weighting
function is applied to weight the initial conditions:
⎧ 0.02𝑓
⎪ 0.37𝑓 − 0.42
gIFW ( 𝑓 ) = ⎨
−0.003𝑓 + 0.06
⎪
⎩0

0 Hz < 𝑓 < 1.2 Hz
1.2Hz ≤ 𝑓 < 2.4 Hz
,
2.4 Hz ≤ 𝑓 < 20Hz
𝑓 ≥ 20 Hz

(14)

in which f is the frequency to be weighted. Thus, the initial condition of the modal coordinates is weighted according to
corresponding modal frequencies as follows:
xn+k (0) = F0 𝜙k,max gIFW (𝑓k ), k ∈ [1, … , n],

(15)

in which the value of F0 is chosen as 2670 N,34 which is the normalized maximum force of an idealized heel drop excitation,
and fk is the natural frequency of k th vibration mode. This input weighting function contributes interestingly to achieve
optimum solutions, which are independent on the system perturbation adopted.

FIGURE 8 Frequency weighting function gOFW (thicker curve)
and its asymptotic definition (thinner curve)27

The proposed PI considers the weighted state vector and the maximum value of each vibration mode shape (i.e.,
eigenvector). The PI is mathematically defined as follows:
PI(z) =

1
2 ∫0

t𝑓

T
xsw
(z)Qxsw (z)dt,

(16)

in which the variable z includes the parameters of matrices KTMD (s) (for a TMD system) or KAMD (s) (for an AMD system),
Ku and Ky. The matrix Q is a 2n × 2n positive definite matrix, which is taken as follows9 :
⎡ 𝜔21 𝜙21,max
⎢⋮
⎢
0
Q=⎢
⎢0
⎢⋮
⎢0
⎣

…
⋱
…
…
⋱
…

0
⋮
𝜔2n 𝜙2n,max
0
⋮
0

0
⋮
0
𝜙21,max
⋮
0

…
⋱
…
…
⋱
…

⎤
0
⎥
⋮
⎥
0
⎥,
0
⎥
⎥
⋮
𝜙2n,max ⎥⎦

(17)

𝜙k,max being the maximum value of the kth eigenvector 𝜙k . Note that the displacement states are weighted by the natural
frequencies, thus making the displacement states comparable with the velocity states. Note also that the PI is a measure
of the total involved vibration energy accounting for the nature of the human perception and nature of human loading.
Finally, the value of tf is the simulation time to obtain the performance index indicator, which must be large enough to
achieve the steady state of f(z) (i.e., the weighted state vector xsw ≅ 0).

3.4

Step 4: Define the input variables for the PI

Before finding the value of z, which minimizes the PI defined by Equation 16, the number of actuators/sensors and the
possible locations are defined. In addition, the selection of possible candidate nodes might be firstly selected in order to
reduce the computational cost. This first selection can be done, for example, by design experience of by a mathematical
criterion. This example considers the H-infinity norm and H2 norm calculation proposed in Gawronski.21 The nodes with
the largest values of the following norms are chosen as the best candidate points from all the p nodes of the structure:
p ‖
‖
∑
‖ Ysm (s) ‖
‖
‖ , l, m ∈ [1, … , p],
‖ W (s) ‖
m=1‖ sl
‖∞
p ‖
‖
∑
Y
(s)
‖ s
‖
H2 (l) = ‖ m ‖ , l, m ∈ [1, … , p],
‖ Wsl (s) ‖
m=1‖
‖2

H∞ (l) =

(18)

in which H∞ (l) and H2 (l) represent the sum of the p corresponding norms (H-infinity and H2, respectively) of TFs, between
acceleration response at all considered nodes (Ysm (s)) and the force at the lth node (Wsl (s)). Note that given a certain
force at these candidate nodes, both H2 norm and H-infinity norm of all the n vibration modes are the highest. Hence,

FIGURE 9 Candidates for placement

these selected points are the best candidates to place the actuators and/or TMDs. Thus, the 449 nodes considered initially
are reduced to 16 points (see Figure 9), which lessens the computational cost by 96.44% and 99.88% for control systems
consisting of 1 TMD/AMD and 2 TMDs/AMD, respectively. Note that, in this application example, collocated control is
assumed for AMD system. Then, the number of sensor and actuators are the same (q = r), and they are located at the
same place.

3.5

Step 5: Find the optimal design for the matrices KTMD (s) or KAMD (s), Ku, and Ky

This work uses the MATLAB function fminsearch, which uses the search method of Lagarias et al.35 This function is used
to find the optimal values of KTMD (s) or KAMD (s) for the 16 candidate points obtained in previous design step. Thus, the
following optimal design are firstly obtained:
• 16 optimal solutions for SISO TMD and AMD systems.
• 256 optimal solutions for MIMO TMD and AMD systems (two TMDs/AMDs).
Each optimal solution calculates the minimum value of Equation 16. The parameter 𝛼 (time weighting) is defined
by 𝛼 = 0.01 · 35.19 = 0.3519, which is the natural frequency of the first vibration mode multiplied by the considered
structural damping for all nodes (0.01). Thus, the controlled system must be damped by the control system in order to be
considered. In addition, the damper stroke conditions are also considered. The considered value for both TMDs/AMDs is
80 mm, which is the maximum allowable stroke of the actuator, APS Dynamics Model 400 Shaker. Thus, if the selected
parameters (by fminsearch) of KTMD (s) or KAMD (s) do not achieve these conditions, the value of PI(z) is penalized, rejecting
this configuration. Finally, the best among all these optimal solutions is chosen.
Using the common framework, four control systems are designed: PVC of 1 TMD, PVC of 2 TMDs, AVC of 1 AMD,
and AVC of 2 AMDs. As mentioned above, the mass of each TMD is equal to 1000 kg. Therefore, the parameters to be
TABLE 1 Tuning parameters
Damping system
1 AMD
2 AMDs

Optimised parameters of
KTMD (s) and/or KAMD (s)
−𝛾 11 ∕s
]
[
−𝛾11 ∕s −𝛾12 ∕s
−𝛾21 ∕s −𝛾22 ∕s

Number of terms of Ku and/or Ky
equal to 1
2
4

2𝜉t,1 𝜔t,1 s+𝜔2t,1

1 TMD

−mt,1 s2 +2𝜉

2 TMDs

⎡ −mt,1 2
0
s +2𝜉t,1 𝜔t,1 s+𝜔2t,1
⎢
2𝜉
𝜔t,2 s+𝜔2t,2
t,2
⎢
0
−mt,2 s2 +2𝜉 𝜔 s+𝜔
2
⎣

1

2
t,1 𝜔t,1 s+𝜔t,1
2𝜉t,1 𝜔t,1 s+𝜔2t,1

t,2

t,2

t,2

⎤
⎥
⎥
⎦

2

FIGURE 10 Optimum locations of tuned
mass dampers (triangle) and active mass
dampers (hexagons); excitation (circles) and
response (squares) nodes

tuned are the damping ratio (𝜉 t,j ) and angular natural frequency (𝜔t,j ) of each TMD. The AMD considered in this work is
a DVF, which involves the tuning of each gain (𝛾 ij ). In addition, the location matrices (Ku and Ky) are obtained. Table 1
summarizes the control system parameters. The optimal controller designs are the following:
• 1 AMD:
- Control parameters: 𝛾 11 = 2228.2, Ku340,1 = 1 and K𝑦1,340 = 1.
- PI: 15.13 × 10−6 .
• 2 AMDs
- Control parameters: 𝛾 11 = 3738.3, 𝛾 12 = 17.8, 𝛾 21 = −1236.0, 𝛾 22 = 3638.1, Ku246,1 = 1, Ku350,2 = 1, K𝑦1,246 = 1 and
K𝑦2,350 = 1.
- PI: 9.80 × 10−6 .
• 1 TMD
- Control parameters: 𝜉 t,1 = 0.115, 𝜔t,1 = 34.571 rad/s, Ku360,1 = 1 and K𝑦1,360 = 1.
- PI: 19.87 × 10−6 .

FIGURE 11 Time history response at Node 90 under human jumping excitation: (a) without control; (b) 1 TMD; (c) 2 TMDs; (d) 1 AMD;
(e) 2 AMDs

• 2 TMDs
- Control parameters: 𝜉 t,1 = 0.075, 𝜔t,1 = 39.323 rad/s, 𝜉 t,2 = 0.096, 𝜔t,2 = 31.545 rad/s, Ku340,1 = 1, Ku355,2 = 1,
K𝑦1,340 = 1 and K𝑦2,355 = 1.
- PI: 14.02 × 10−6 .
Note that the optimal locations for dampers are not obvious and together with which the system parameters cannot
be solved by traditional control design tuning methods. It is worthwhile to mention that comparing the performance
between AVC and PVC is not purpose of this work.

3.6

Evaluation of controller performances

The performance of all the controllers is tested by exciting the structure with a jumping excitation. This perturbation is
a representative example of periodic (jumping is a rhythmic human activity, as well as dancing or aerobics) loads, which
can be generated by humans.

FIGURE 12 Time history response at Node 333 under human jumping excitation: (a) without control; (b) 1 TMD; (c) 2 TMDs; (d) 1 AMD;
(e) 2 AMDs

FIGURE 13 Percentage of floor area where a VDV value is
exceeded

For the jumping excitation, a pedestrian of 800-N weight is considered, and the DLFs (amplitude of each harmonic) of
the excitation proposed in ISO136 are assumed (the periodic excitation is represented as a Fourier series). Five nodes (333,
296, 155, 113, and 95) are chosen to excite (see Figure 10) with these frequencies: (a) 2.56 Hz—Node 333—first vibration
mode (5.12 Hz), (b) 1.92 Hz—Node 296—second vibration mode (5.76 Hz), (c) 2.22 Hz—Node 155—third vibration mode
(6.65 Hz), (d) 2.52 Hz—Node 113—fourth vibration mode (7.56 Hz), and (e) 2.55 Hz—Node 95—fifth vibration mode
(7.66 Hz). It should be highlighted that the vibration mode shape value for the first five modes is maximum for the nodes
333, 296, 155, 113, and 95.
Figures 11 and 12 show the simulated time response at node 90 and node 333 for the five cases, respectively. The RMS
computed each 1 s is also included in those figures and used it for performance evaluation. Nodes 90 and 333 show the
vibration level in two different parts of the floor. Note that the vibration level at node 333 (RMS value is 0.0285 m/s2 ) is
larger than the one at node 90 (RMS value is 0.0678 m/s2 ). This is due to the fact that the vibration level of the first two
vibration modes is more important. Thus, vibration reduction should be significant at node 333 and pretty insignificant at
node 90. With respect to AVC, AMDs can cancel more than one vibration mode; therefore, the optimum location should
reduce the vibration level at both nodes. This is showed in Figures 11 and 12. The peak acceleration RMS at node 90 is the
following: (a) 0.0253 m/s2 (88.8 %) for SISO TMD, (b) 0.0243 m/s2 (85.3 %) for MIMO TMD, (c) 0.0115 m/s2 (40.4 %) for
SISO AMD, and (d) 0.0089 m/s2 (31.2 %) for MIMO AMD. The peak acceleration RMS at node 333 is (a) 0.0212 m/s2 (31.3
%) for SISO TMD, (b) 0.0095 m/s2 (14.0 %) for MIMO TMD, (c) 0.0256 m/s2 (37.8 %) for SISO AMD, and (d) 0.0081 m/s2
(12.0 %) for MIMO AMD.
The performance is also evaluated using the vibration dose value (VDV), also known as fourth power vibration dose
method, which is used to provide information about the serviceability of the floor for rhythmic activities.29 Figures 11
and 12 show the running VDV for their particular location, and the final value is the one used for the analysis. The VDV of
all nodes on the floor during 60 s of jumping excitation is calculated. Figure 13 shows the percentage of floor area, where
a VDV value (x axis) is exceeded. Note that Figure 13 better illustrates control objective of the above controllers, which is
to reduce the vibration all over the floor area. In addition, it should be noted that there is not any node in which the VDV
value of 0.03 is overtaken for MIMO AMD.

4

CO N C LUSION S

This paper proposes a methodology for the design of inertial mass vibration control systems for human-induced vibrations. Thus, any vibration control system design (active, semiactive, and/or passive) can be carried out from the presented
methodology. Moreover, this work proposes a step-by-step practical guideline in which the vibration control system considers how humans excite a structure and feel the vibrations simultaneously. In addition, the significant dynamics and
nonlinearities (both AMD and TMD), such as high-pass filters, low-pass filters, voltage, and stroke saturation, which are
extremely important for a successful practical implementation, are also considered into the design methodology and the
guidelines. The work concludes with an application example of a realistic floor model, for which optimal SISO and MIMO
TMDs/AMDs are designed and tested, thus showing the aforementioned advantages of the proposed common framework. Interesting results are reported: (a) when designing a MIMO AVC, a fully centralized algorithm is the optimal one,
and the optimal location is not obvious in any way, (b) when TMDs are designed, they are strategically tuned design at
frequencies between two vibration modes and placed at overlapping areas of mode shapes.
Because this methodology simplifies and facilitates the comparison between different vibration control systems, future
works can consider the selection of different actuators, control laws, optimization algorithms, etc. in order to achieve a

vibration serviceability goal of the structures including additionally economic factors. Moreover, the inclusion of actuator
parameters regarding AVC, together with the control law optimization, can be considered in the future.
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